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A thermocompressor cascade of identical stages has been identified as a promising approach to utilize waste heat
for the direct generation of compressed air. This contribution presents the first design, realization and experi-
mental investigation of a single-stage prototype featuring a free displacer oscillating in overdriven mode, which
has so far only been devised and analyzed theoretically and by simulations. It is self-excited by the p,V-work
generated by its rod, which periodically plunges into the cold cylinder volume. In general, the experimental
performance confirms the expectations, as a stable, self-controlled operation is possible within a wide range of
pressure ratios and inlet pressure levels. However, the theoretical maximum pressure ratio, at which the machine
would inevitably stop, is not reached experimentally. Instead, operation continues at a lower pressure ratio,
where the net mass flow drops to zero due to leakage effects. This behavior could be confirmed by an enhanced
numerical model. In addition, an automatic, self-excited start by decreasing the pressure ratio could be exper-
imentally confirmed. This is a typical industrial operating scenario, when compressed air is fed to a reservoir and
consumption increases. These promising findings strongly suggest the realization and testing of a multi-stage

cascade as the next step.

1. Introduction

Compressed air is used in a wide range of industrial applications, but
since its generation and utilization are often rather inefficient, it is
energy-intensive and therefore expensive and environmentally un-
friendly [1]. At the same time, several studies have shown that huge
amounts of industrial waste heat are not utilized at all up to now [2-5].
Fischer and Kiihl [6] propose to exploit this waste heat potential by
direct generation of compressed air using so-called reciprocating ther-
mocompressors, which are closely related to Stirling engines, but until
now their concept was only investigated analytically and numerically.

The general idea of compressing gases by thermal effects dates back
to a patent granted to Vannevar Bush in 1935 [7]. This is why such
machines are sometimes referred to as “Bush Compressors”. In the past,
most research has focused on the analytical and numerical modeling of
thermocompressors. Detailed literature overviews can be found in [6,8],
and [9]. However, some constructive approaches to the realization of
thermocompressors have also been published. In general, these ma-
chines may be divided into two categories, as some realize an open
cycle, while the rest constitute closed systems and therefore do not
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comply with the original concept by Bush. The second group is often
intended to be used as compressors for pulse-tube coolers [10], heat
pumps [11], and refrigerators [12], or the working gas is sealed off from
the conveyed fluid, as in the concepts by Eder [10,13] and Riofrio
[14,15] or the experiments related to the actuation of artificial hearts
during the 1960s and 1970s [16,17].

Detailed experimental results obtained from the operation of
generally similar, but externally driven thermocompressors are pre-
sented by several authors [11,18-23]. However, even though some of
the machines are basically equipped with valves to realize an open cycle,
these have generally been blocked, so that all experiments were carried
out with a closed system. Furthermore, these studies have in common
that helium or nitrogen is used as working gas. In summary, these were
far from being able to replicate the operation of a typical industrial
compressed air system.

Only few contributions follow Bush’s original idea of directly com-
pressing and conveying gas by a thermocompressor. Above all, Glassford
[24] should be mentioned here. He experimentally investigated a very
simple, externally driven thermocompressor with the intent to generate
oil-free compressed air. The experiments prove the feasibility of the
concept, but due to the simple and rather inaccurate manufacturing
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Nomenclature

Cross-sectional area, m>

Sum of the temperature-related mean volumes, m®/K
Spring stiffness

Isobaric heat capacity, J kg™ K?

Diameter, m

Sum of the temperature-related volume amplitudes, m®/K
Exergy, J

Constant factor, kg s~ Pa~2

Relative change of the exergy flow, —

Specific Enthalpy, J kg~!

Viscous friction coefficient, N s/m

Length, m

Mass, kg

Number

Operating frequency, Hz

Pressure, Pa

Heat, J

Specific gas constant, J kg~ K~!

Temperature, K

Time, s
Volume, m
Velocity, m/s
Work, J
Position, m

3

><§<<H~];u@t: Z3 3~ TEHOgAad O

Greek letters

Damping constant, —
Difference

Regenerator effectiveness
Temperature ratio, —
Thermal conductivity
Pressure ratio, —

g~ = p >

p Ratio of cross-sectional areas of displacer and rod, —
c Dimensionless temperature-related dead volume, —
Dimensionless numbers

NTU Number of Transfer Units
Re Reynolds number
Superscripts

x Time derivative

X Mean

x Amplitude

Subscripts

add Additional

amb Ambience

Cc Cylinder

c Cold

cyc Cycle

D Displacer

d Value in a dead Volume component
h Hot

i Component number

id ideal

in Inlet

k Stage number

leak Leakage

lim Limit (practical)

max Maximum (theoretical)
opt Optimum operating point
out Outlet

p Power

R Rod

r Regenerator

sh Shuttle

techniques that had been applied to realize his prototype, the perfor-
mance of the machine was poorer than expected. Thomas and Barth
[9,25] reused the machine described in [22], but connected it to two
pressure reservoirs, which were equipped with two check valves.
Starting at a common initial pressure, helium was conveyed from one
reservoir to the other. The authors compared the power output obtained
by sinusoidal and square wave motion profiles at different frequencies of
1-2 Hz.

The maximum pressure ratio of a thermocompressor is limited by the
temperature ratio and further reduced by unavoidable dead volumes.
Moreover, the actual operating pressure ratio must be even lower to
convey air. So, multiple stages are required to achieve industrially
relevant pressure levels of 6-10 bar. Due to the relatively low power
density, such a machine has to be as constructively simple and cost-
effective as possible to be competitive in the market. Thomas and
Barth [26] therefore suggested connecting multiple identical stages via a
common crankshaft and thus operating them at a common frequency. In
this case, the challenge is the constraint of a constant mass flow along
the cascade, even though the gas mass conveyed per cycle increases
linearly with the inlet pressure of each stage, but decreases with the
pressure ratio. Therefore, the first stage will operate at a low pressure
ratio, and the last stage will operate close to the maximum, so that only a
few stages will operate at their optimum operating point regarding the
exergy gain of the compressed air flow. To overcome this challenge,
Fischer and Kiihl [6] suggested using overdriven free displacers instead.

In this case, the frequency of each stage depends on the operating
point, i.e. on the pressure ratio, since the p,V-work generated by the
change in total volume due to the immersion of a displacer rod in the

cold cylinder volume of the machine is used for actuation. At a stable
operating point, this p,V-work must compensate all losses, especially
those due to flow friction. This arrangement allows the operating fre-
quencies to vary inversely to the stage pressure and thus to run all the
stages close to their optimum operating point. It turns out that such a
variation results in a far-reaching similarity in terms of heat transfer, as
relevant dimensionless numbers such as Reynolds, Valensi, and Nusselt
numbers remain constant. Until now, this concept has been studied by
an isothermal analysis of a single stage, with a particular focus on the
displacer motion. Furthermore, the existence of stable operating points
for a multi-stage cascade has been proven analytically and numerically
[27].

This contribution presents the first experimental realization of a
single-stage thermocompressor with an overdriven free displacer, of
which only a general design concept was presented in [28]. This ma-
chine has been experimentally tested in various operating states,
including those of the higher stages of a cascade, i.e. at elevated inlet
pressures above the ambient pressure py. For this purpose, a test stand
has been developed, which is connected to the compressed air network
of the laboratory so that in contrast to the latest works in the field a
realistic open system is set up and air is used as the working gas.
Furthermore, the test stand allows the simulation of typical industrial
compressed air use cases, such as operation at a constant pressure ratio
due to a constant demand or a sudden demand after reaching a
maximum pressure level before. This demonstrated the feasibility of the
concept, which had only been modeled analytically and numerically
before. Therefore, such a system is expected to be capable of replacing or
at least supplementing conventional compressors and thus reducing the
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primary energy demand for compressed air generation. In addition, the
analytical single-stage model presented in [6] is extended to include
several loss mechanisms such as heat transfer, conduction, regeneration
and flow pressure losses, and it is successfully validated by the experi-
mental results to provide a tool for the future development of a cascade.

2. The thermocompressor cycle

Fig. 1 shows the basic layout of a single-stage thermocompressor, as
investigated experimentally in this contribution. Since a displacer piston
divides a cylinder into a cold and a hot volume, it shows structural
similarities to a f- or y-type Stirling engine, but the working piston
known from Stirling engines is replaced by a pair of check valves, which
connect the cold cylinder volume to an inlet and an outlet buffer.
Therefore, the cycle is open, and air acts as both the working fluid and
the product stream. Inside the machine, it is displaced between these
two cylinder volumes via a cooler, a regenerator and a heater. The
displacer rod is located in the cold cylinder volume. The stepped rod
plunges into both buffer volumes with equal shares of its cross-section,
so that it is equally exposed to the inlet and outlet pressure. Therefore,
in total the mean pressure acts on the rod. Via the nozzles, the stage can
be connected to larger additional buffers or adjacent stages. A me-
chanical spring of customized stiffness compensates for the weight of the
displacer and equalizes the overall forces during the cycle advanta-
geously. Due to its design as an overdriven free displacer, elastic limit
stops are required at the ends of stroke to reverse its direction as lossless
as possible.

Fig. 2 shows an exemplary p,V-diagram of the ideal thermocom-
pressor cycle, which can be characterized by a sequence of four pro-
cesses described in detail by Glassford [29], Karabulut [30] or Fischer
and Kiihl [6], among others. Since the total volume is not changed
except by the piston rod plunging into the cold cylinder volume, the p,V
loops for the hot and the cold cylinder volume are almost mirror images
of each other, and the loop area for the total volume is very small.
During processes 1-2 and 3-4, all valves are closed, so that the system
gas mass is constant and undergoes a thermal compression or decom-
pression, respectively. Unlike a Stirling cycle, the thermocompressor
cycle is open, so that gas is isobarically conveyed out of or into the
system during process 2-3 and process 4-1, respectively.py_; and px

Hot cylinder

volume
Heater

Displacer
Regenerator

Cold cylinder
volume

Cooler

Elastic limit
stops

:\
Outlet valve
Inlet valve

—\
/4 Outlet buffer
Inlet buffer -
. [ Displacer
Spring —__| rod

Fig. 1. Schematic drawing of an overdriven free-displacer thermocompressor.
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Fig. 2. Ideal p,V-loops for the cold cylinder volume (blue), the hot cylinder
volume (red) and the total volume (orange).

denote the inlet and outlet pressure of a stage k. The enclosed areas
correspond to the amounts of heat ideally transferred via the cylinder
volumes, Qpideat and Qg igeat, and to the ideal work Wy, respectively.

Adapting the well-known Schmidt theory of the Stirling cycle,
Fischer and Kiihl [6] derived an analytical model accounting for an
arbitrary number of dead volumes, different temperature levels, and the
effect of the displacer rod. This model can be used to calculate the
absorbed heat of the ideal isothermal cycle [29]:

Hmax — 1T
W—lk lnl'Ik (l)

Ohnidgear = Pic1 2V
Here, V the volume amplitude of the hot cylinder volume, IIx = px/Pk-1
the pressure ratio and I, the maximum possible pressure ratio, when
the inlet and outlet valves do not open anymore and no gas mass is
conveyed. This maximum pressure ratio
B+D

Hmax = B_D (2)
is theoretically limited by the temperature levels and the geometry of
the machine, since it only depends on the mean sum of the temperature-
related volumes

[ <o

B=—(1-p+60+0) 3)

~

c

and its amplitude

D=—(1-p-0) ()]

N

Both are functions of the cold temperature T, the ratio of the cross-
sectional area of the displacer rod Ag and the displacer Ap

— AR
A, ()
the ratio of the cold and the hot temperature
T,
0=-5
T, (6)

and the sum of the temperature-related dead volumes Vg; of each
component i

Tex—Vai
== : )
v Z Ta;

The shape of the course of Eq. (1) for the full operating range 1 < I1 <
jnay is similar to an inverted parabola with zeros at IT = 1 and IT = Tljqy
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and a maximum occurring approximately at the geometrical mean of
these zeros, i.e. Tlgp = +/TInax. Since the work generated per cycle,

Wri = p Onideatk ®

as well as the exergy transferred to the conveyed air flow are propor-
tional to the heat Qpigeak absorbed by the ideal cycle according to Eq.
(1), this maximum is the optimum operating point. The work generated
per cycle must compensate the dissipation by viscous fluid friction,
which is linearly speed-dependent. So, the frequency at a stable oper-
ating point features the same dependencies as Qp idear:

Ny pi-i (Hmax - Hk)lnnk 9
The aforementioned quantities furthermore allow the calculation of the
mass of air conveyed per cycle:

B-D
Amy = piy (Hmax - Hk)

(10)

In a cascade, the mass flow m in two consecutive stages k and k + 1 must
be the same:

m = Ny Amy = Nk+1Amk+1 = const. an

Assuming that both stages initially operate at the optimum pressure
ratio Iy, stage k + 1 will convey a larger mass flow than stage k, since
we have both Ny, > Ny and Amy,; > Amy due to the higher inlet
pressure. Consequently, the pressure ratio Ilx.; will increase beyond
Ty = Iy In this case, both Ny and Amy; decrease, but whereas the
decrease of Amy; is linear according to Eq. (10), that of N 1 is less due
to the additional effect of the logarithm in Eq. (9). So, Eq. (11) can only
be fulfilled by a combination of Amy; < Amy and Ni,; > N . There-
fore, the operating frequency of a subsequent stage will always be
somewhat higher than that of the preceding stage in steady-state
operation.

The similarity with respect to the heat transfer conditions mentioned
in the introduction, which requires the frequency to vary inversely with
the stage pressure and which was initially anticipated because of the
decreasing generation of p,V work at pressure ratios above Il [6], is
evidently not fulfilled according to this result. The Reynolds number will
gradually rise from stage to stage due to increasing pressure and fre-
quency values, but the Nusselt number will be hardly affected in case of
laminar flow, and thus, the heat transfer coefficients will essentially
remain constant or may eventually even rise slightly, too. On the other
hand, any stage k delivers an exergy flow

AE; =i R Ty InIl, 12)

to the compressed air flow, which is presumably the most appropriate
criterion for its performance. If a constant ambient temperature Tq;,, and
a constant mass flow myg; is assumed, it is exclusively dependent on IT.
Therefore, any subsequent stage k + 1 will perform better that the
preceding stage k, since we always have Il > II; according to the
above considerations, even though the increased load on the heat
transfer surfaces may result in additional losses and thus a marginally
decreased real performance of stage k + 1.

This finally confirms the previous finding that the first stage of a
cascade is most critical for the overall performance [6]. Therefore, any
design optimization must be done for the minimum inlet pressure po,
and the overall number of stages must be chosen so that the first stage
operates at a pressure ratio IT) ~ Ilop.

3. Experimental machine and test stand

As a first step to experimentally demonstrate the feasibility of a
thermocompressor cascade with overdriven free-displacers as suggested
by Fischer and Kiihl [6] and summarized in section 2, a single stage was
designed and constructed. In contrast to the more complex design shown
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in Fig. 1, which connotes a radially shifted arrangement of heat ex-
changers and a regenerator as separate components, a concentric design
was realized in the experimental machine, thus avoiding additional
connecting ducts. This was mainly motivated by the reduction of dead
volume and flow pressure losses, which both have an extremely negative
impact on the machine performance and should be minimized by all
means [6]. Furthermore, this concept favors the demand for a
constructionally simple, low-cost machine design [28] and complies
with Walker’s recommendation to replace complex heat exchangers and
regenerators by an annular gap in small-scale machines operating below
500 rpm and at low pressures [31]. Lin et al. [19,20], Winkelmann and
Barth [22] as well as Thomas and Barth [9,25] also chose this approach
and generally obtained good results.

The cylinder comprises three segments representing the cooler, the
regenerator, and the heater as illustrated in Fig. 3. The cooled segment
consists of an inner aluminum cylinder with radial fins and an outer
sleeve forming a water jacket, which is connected to a circulatory. In
Fig. 4 a photo of the experimental machine and the test stand is
provided.

In the regenerator segment, the cylinder wall is made from stainless
steel because of its relatively low thermal conductivity. In between the
two connecting flanges, its wall thickness was reduced to 1.15 mm,
which is the lower limit imposed by the prototype machining process,
not by stability. In series production, the wall thickness — and thus the
thermal conduction losses — may be further reduced by applying more
efficient and advantageous manufacturing methods such as deep
drawing.

To ensure a homogeneous temperature distribution, the heater
segment consists of a solid cylindrical block made from aluminum once
again. An electric heating wire with 400 W maximum power is inserted
in a spiral groove around its outer circumference and kept in place by a
surrounding sleeve.

These three segments are mounted on a cylinder base plate, which
separates the active cycle volume from the inlet and outlet buffers. The
displacer rod is guided by two bushings made from low-friction plastic
IGUS iglidur H370, which are inserted in the cylinder base plate and the
wall between the buffers. For reasons of commercial availability, their
diameters were chosen as d,.; = 20 mm and d,. » = 14 mm, respectively.

heater
insulation

cylinder wall
(regenerator)

annular gap

displacer

1
cylinder base cooler

outlet valves

water-lubricated

bushings inlet valves

hollow displacer rod

inlet nozzle

inlet buffer space

limit stop springs <
mechnical spring /

outlet buffer space

outlet nozzle

Fig. 3. Schematic sketch of the experimental machine (based on [28]).
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Fig. 4. Photo of the experimental machine and the test stand.

Thus, the cross section ratio of 2:1 suggested for an optimum force
balancing [6] is approximated fairly well. Due to the different thermal
expansion of the bushings and the displacer rod, the close-tolerance fits
had to be adjusted manually to minimize leakage losses.

During steady-state operation of a multi-stage cascade, water will
inevitably condense in the higher stages, since its partial pressure will
exceed the saturation pressure due to the quasi-isothermal compression
of the humid intake air. This condensation is expected to primarily occur
in the outlet buffers, since the gas temperature in these will be below the
exit temperature of the cycle due to the additional heat rejection via
their large surface. This water, which will accumulate in their sump,
may be profitably used for lubrication and sealing purposes in the
bushings. It can easily be transferred to the center of their gaps via fil-
ters, capillaries, and radial bores in each bushing due to the existing
pressure difference. Finally, it will accumulate in the sump of the inlet
buffer and exit the stage via the inlet nozzle in counterflow to the intake
air. In a multi-stage cascade, the water will thus be consecutively
transferred from the higher to the lower stages, so that a sufficient water
supply is also ensured in the latter even if no water is condensing in
these. To simulate this effect during the operation of a single-stage
prototype, a small stream of water is externally supplied to its outlet
buffer.

The gap width around the displacer is sgqp = 1.2 mm, and its diameter
is dp = 82.5 mm, resulting in a displacer-rod-ratio of p = 0.0588. The
displacer dome is made of stainless steel for the same reason as the
cylinder wall and consists of a cap, a seamless tube, and a flange to
mount it on the displacer base. The final diameter of the displacer is
achieved by lathing after soldering the three components to ensure ac-
curacy. The resulting displacer wall thickness is sp = 1.15 mm and is
once again limited by the manufacturing process rather than by the
small pressure difference. The cooled cylinder length amounts to [, = 88
mm, the heated length is [, = 85 mm. All geometrical parameters are
summarized in Table 1.

It is well known from the field of conventional piston compressors
that valve design has a huge impact on the performance of the machine
[32,33]. To minimize flow pressure losses, the cylinder base therefore
exclusively accommodates the inlet valves to maximize their number (4)
and thus their total cross-sectional area. The four outlet valves are
instead accommodated in the displacer base. Thus, the air can flow into
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Table 1

Summary of the geometrical dimensions of the experimental machine.
Quantity Symbol Value
Max. stroke amplitude x 25 mm
Displacer diameter dp 82.5 mm
Displacer wall thickness Sp 1.25 mm
Displacer length Ip 256 mm
Annular gap width Sgap 1.2 mm
Cylinder wall thickness sc 1.15 mm
Cooler length L 88 mm
Heater length Iy 85 mm
Displacer rod diameter 1 d; 20 mm
Displacer rod diameter 2 dr.2 14 mm
Inlet valve hole diameter dyin 8.5 mm
Outlet valve hole diameter dy,out 5.5 mm
Number of inlet valves Ty in 4
Number of outlet valves Ty, out 4
Length bushing 1 Ly; 35 mm
Length bushing 2 lp2 25 mm
Displacer mass mp 2.1 kg
Spring constant Cs 0.1 N/mm

the outlet buffer via the interior of the displacer and the hollow rod, as
indicated in Fig. 3. All valves are designed as self-acting reed valves.
Preliminary tests yielded best results for silicone reeds in combination
with retainers to optimize opening behavior and dynamics.

The upper and lower elastic limit stops are realized by four suffi-
ciently stiff spiral springs each, which are located in the outlet buffer and
hit by a steel disk mounted at the end of the displacer rod. This disk is
also used to mount a mechanical spring of stiffness 0.1 N/mm, corre-
sponding to half the absolute value of the estimated (negative) cycle gas
spring constant at an inlet pressure pp = 1.01 bar. Instead, the additional
gas spring suggested in [6] was omitted. This deviation from the original
design constitutes a further constructional simplification, as the addi-
tional effort for sealing and control of the mean pressure is avoided. The
entailed violation of the general similarity concept is marginal, since the
effect of the gas spring stiffness on the displacer motion is comparatively
small [27]. In addition, a preloaded mechanical spring is anyway
required to compensate the weight of the displacer. Due to the low cycle
spring constant, this mechanical spring will significantly add to the total
spring constant and thus disturb the similarity in any case.

Fig. 5 shows a schematic flow chart of the test stand with the ther-
mocompressor as its central element. The heater and cooler tempera-
tures are monitored and controlled. The heater and the cooling water
temperatures are measured by axially distributed thermocouples and by
a resistance thermometer, respectively. Additionally, the cycle pressure
is measured by a piezoresistive absolute pressure sensor mounted in the
cold cylinder volume. The displacer position is monitored via a linear
variable differential transformer (LVDT), the plunger of which is
attached to the lower end of the displacer rod. This measurement
equipment is not included in Fig. 3. The types and accuracies of all
installed sensors and the data acquisition modules used are listed in
Table A-1 and Table A-2. Before taking a measurement series, the
pressure signals were calibrated by comparison to a high-precision
reference at ambient pressure. Therefore, the error in pressure mea-
surements could be reduced to a minimum well below the specified
sensor accuracy [34], especially since the measured pressures were close
to the calibration pressure. The error in the gas flow measurements was
reduced by switching between two sensor operating modes with
different calibrated ranges, each of which features the same relative
error according to the vendor’s datasheet. The first one ranges from 0 to
4 1,/min and the second from 0 to 20 l,/min, so the latter was only used
for gas flows above 4 1,/min. To further reduce errors due to the non-
repeatability of the sensors and of course, the cycle itself, all measured
variables were averaged over 5 full cycles.

Additional buffers are installed upstream and downstream of the
machine to reduce pressure fluctuations due to the cyclic air inlet and
outlet. The upstream buffer pressure can be controlled by a pressure
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Fig. 5. Schematic flow chart of the test stand.

regulator attached to the compressed air supply of the lab, so that the
machine can be operated at higher inlet pressures py, similar to a higher
stage of a cascade. It is measured by a piezoresistive absolute pressure
sensor. The outlet buffer pressure p; downstream of the machine is also
measured and controlled by a software-controlled solenoid control valve
to maintain a preset pressure ratio. In combination with the measure-
ment of the delivered air mass flow by a high-precision thermal mass
flow meter, all quantities required to record operating curves are
measured. Especially for starting up the machine, a bypass is required to
fill the outlet buffer directly and thus apply a preset pressure ratio. The
program for data acquisition, logging and control is implemented in NI
LabVIEW.

4. Mathematical model

The machine was designed using a time-averaged second-order
model, which is visualized in Fig. 6. It is based on the isothermal model
presented in [6] and briefly summarized in section 2, but includes
convective heat transfer between the walls and the gas and several
additional loss mechanisms. Within the model, the machine is sub-
divided into three sections with a uniform gas temperature each. The gas
temperatures in the hot and the cold section are Tpges and T gas,
respectively. The gas temperature inside the gap in the insulated center
section of the cylinder, which is considered to act as a regenerator, is
assumed to be the logarithmic mean temperature T,g =
(Thgas —Tecgas) /In(Thgas/Tegas). For the calculation of the convective
heat transfer, the hot and the cold section are subdivided into a cylinder
volume and the heater or cooler, respectively. For the resulting geom-
etries, in particular the length of each component, the displacer is
assumed to be in the center position, as depicted in Fig. 6. This corre-
sponds to the mean position in case of a symmetric displacer motion,
which is therefore applicable, considering a triangular function as it is
achieved according to [6] for a sufficiently high displacer mass. The
resulting geometrical quantities are listed in Table 2.

The heat transfer coefficients ay, a, and a, are calculated separately
for the heater, cooler, and regenerator following [35] for concentric
annular gaps. The mean gas velocities, which are necessary input pa-
rameters for the correlations, are calculated by determining the peri-
odically displaced gas mass across the center of each component. For the
heat transfer coefficients an¢ and ac ¢ in the hot and cold cylinder vol-
umes a simplification of Woschni’s correlation [36] is applied.

The model includes the following thermal losses:

e Regenerator loss
e Shuttle loss

Qh,m Xl
; T h,gas
A
T, b
.......... / y
~ Qr,/oss l
Qsh l
Q T r.gas ~
cund(’l
T,
........... }[
T .
TC Qc,rut,ext o
c.gas ~
v
T amb

Fig. 6. Visualization of the model including the lengths of the components,
heat and enthalpy flows, and temperatures.

e Conduction via the cylinder wall
e Conduction via the displacer wall

The heat flow that has to be additionally supplied due to regenerator
losses can be obtained by

Q»',Ioss = (1 _riy)Qr,[d (13)
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Table 2
Geometrical information about the components included in the model.

Component Mean surface area Dead volume

Hot cylinder volume Anc = focn/4d2 + ndcX Vi hadd

Heater Ay = nde(lh —%) Van = 1/4(d2 ~d3 ) (1 —%)
Regenerator A, = ndply + ndcl Var = 71/4 (d% —d%)l,
Cooler A, = rde(l —X) Vae = /4( ~&3 ) (%)

Cold cylinder volume Acc = foen/Ad2 + ndcX Vi cadd

n, is the regenerator efficiency and Q,_’id the heat flow in case of ideal
regeneration [37]. The regenerator efficiency is calculated as

ng =1/(1+NTU/2) 14

The number of transfer units,

a, A,
NIU = ———— 15
2 N Am, c,, as

is a function of the heat transfer coefficient within the regenerator gap
ar, the mean regenerator surface A,, the operating frequency N, the
isobaric heat capacity c,, of the air at the gas temperature Tgqsr, and the
periodically displaced mass Am,.

According to Urieli and Berchowitz [37], the shuttle loss caused by
the periodically moving displacer wall can be estimated as

7T o Aairr Thgas — Tegas
Q,, = ~dp ¥ "L Thaw —csw (16)
2 Seap Ip

Here, in addition to the aforementioned quantities, Agirr, Sgqp and Ip
denote the thermal conductivity of air at Tgqsr, the width of the annual
gap and its length, which is equal to that of the displacer.

The total heat flow th to be transferred to the gas is the sum of the
heat flow Q, = NQy, absorbed by the cycle according to Eq. (1) and the
aforementioned regenerator, shuttle, and displacer conduction losses:

Onior = On+ Oy toss + Ost + Qeonap a7)

The conduction heat flow via the cylinder wall is not included, as it need
not be transferred to the gas. It does, however, add to the total externally
supplied heat flow Q) i1 exc according to

Q.h.mt.ext = Qh,mz + Q.cond,(‘ (18)

The heat flow Q_ ,,;, which is transferred from the gas to the cold section,
is evaluated similarly:

Q(-.mr = Qh(l - ,0) + Qr,lr)v.\ + Qc()n(i,D + Qsh —N Am C/).C(Tc,gus - Tamb) (19)

However, the effect of the displacer rod and the enthalpy flow due to a
temperature difference between the ambient and cold cycle tempera-
tures are taken into account. Here, the conveyed mass per cycle Amg; is
calculated according to Eq. (10).

Qc.mr,exr = Q(\tol + QAnmd‘C (20)

In steady-state operation, the heat flow that is discharged or supplied via
the heat exchangers equals the convective heat flow within the cylinder
volumes and the gap.

One of the crucial design aspects of the overdriven free-displacer
thermocompressor, which is investigated within this contribution, is
its self-sustaining operation. This means that the power generated by the
piston rod

Pr=Np O 2D

in steady-state operation must compensate all frictional losses, which
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are mainly flow pressure losses P, within the machine including various
loss mechanisms:

laminar flow pressure losses in the annular gap

e inflow into the annular gap from the cylinder volume

e outflow from the annular gap into the cylinder volume

e valve pressure losses (Carnot’s shock loss and deflection)

To additionally calculate the power loss P, due to sliding friction in
the bushings, it is assumed that the annular gaps between the displacer
rod and the bushings are entirely filled with water, so that viscous fluid
friction prevails. To account for further increases of this loss, which may
e.g. be caused by an unknown eccentricity of the gap or other alignment
inaccuracies, fp =~ 1.5 is introduced as an empirical factor.

Thus, this approach results in a nonlinear system of equations for the
gas temperatures T gqs and Tj g and the operating frequency N, which
has to be solved numerically:

Oeior — (e Ace + ¢ A) (Tegas — Tep)=" 0 (22)
Onior — (anc Acc + a Ay) (Thgas — Thw)=" 0 (23)
P —fp(Psp + Pp)=0 24

An additional visualization of the solving method is provided in the
flowchart in Fig A-1.

Fig. 7 exemplary shows the modeling results for a variation of the
annular gap width sgq, applying the geometrical data listed in Table A-3.
To evaluate its effect, the exergy gain of the compressed air flow AEqy,,
the operating frequency N, and the pressure ratio Iy, each at the
optimum operating point, are plotted vs. Sgqp. The chosen gap width of
Sggp = 1.2 mm does correspond to the maximum of AEDpt, which is found
for sgqp = 1.29 mm. However, the difference is only about one percent,
but the pressure ratio at the optimum operating point and the corre-
sponding maximum pressure ratio are improved, which is important for
realizing a significant pressure increase and a wider operating range.

Since the first experiments indicated a significant influence of the
leakage flows myeq 1 and myeq > through the gaps between the displacer
rod and the bushings, the model was extended by subtracting these from
the conveyed mass flow according to Eq. (10), so that the effective
conveyed mass flow results in

m = NAM — fioa 1 Micak,1 — fieak 2Mear2 (25)

The leakage flows myeq 1 and myeq » are calculated assuming laminar
flow through the bushing gaps from the cycle volume and the outlet
buffer into the inlet buffer, based on the corresponding pressure differ-
ences. In the latter case, this is the full pressure difference of the stage,
and in the former case, the difference between the mean cycle pressure
and the inlet pressure is applied, although this difference is actually
fluctuating throughout the cycle. The challenge here is to precisely
quantify the flow regime, since it will be severely affected by eccen-
tricities, alignment errors or surface inaccuracies, which will presum-
ably result in significantly higher leakage flows. To account for these
unknown effects, the leakage flows may be adjusted by the empirical
correction factors fieqx1 and fieqk 2-

5. Experimental results
5.1. Steady-State operation

5.1.1. Analysis of cyclic measurements results

Fig. 8(a) shows an exemplary p,V-diagram of the hot and the cold
cylinder volume for an ambient inlet pressure of 0.98 bar, so that the
thermocompressor is operated corresponding to a first stage k = 1. The
heater and cooler temperatures are T, = 295 °C and T, = 8 °C for all
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Fig. 7. Modeling results for the optimum operating point due to a variation of the annular gap width g, for ambient inlet pressure, a heater temperature T, = 295 C
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Fig. 8. Cyclic measurement results for pressure ratio IT = 1.18 and inlet pressure p, = 0.974 bar at cooler temperature T, = 8 °C and heater temperature Tj =

295 °C [38].

operating points shown in this contribution. The low cooler temperature
was chosen to decrease the temperature ratio without exceeding the
maximum heater temperature of 300 °C, which is limited due to a
polymer seal in the experimental machine. In an industrial application,
both temperatures would presumably be somewhat higher. The pressure
ratio IT of an operating point is computed as the ratio of the mean
pressures in the outlet and inlet buffer. It is IT = 1.18 for the displayed
operating point, corresponding to Iy, for these conditions.

The general course of the p,V-curves is in good accordance with the
schematic course in Fig. 2. All four states and processes are clearly
locatable. After the thermal compression, the outlet valves open
approximately at the center position of the displacer, which confirms the
analytical results in [6]. Please note that the cycle pressure py. is only
measured in the cold cylinder volume as outlined in section 3. Therefore,
the pressure course for the hot volume does not include any flow pres-
sure losses and is merely shown for better comparability to Fig. 2. The
discharge is nearly isobaric. The slight increase of the outlet pressure can
be explained by minor fluctuations of the outlet buffer pressure pj,
which is plotted vs. the cycle time in addition to the displacer position x,
the inlet buffer pressure pp and the cycle pressure p.y. in Fig. 8 (b). These
fluctuations are caused by the discontinuous inflow of gas via the outlet
valves, whereas the outflow via the proportional control valve (Fig. 5) is
continuous.

Furthermore, the courses of py. and p; demonstrate an advantageous
characteristic of the outlet valves, as the flow pressure losses are low.
The dynamics of the valve is satisfactory as well, as it closes as soon as
the displacer hits the lower limit-stop. The general course of the
measured displacer motion well matches the analytical predictions [6],
especially concerning the progression of the curvature. During the
inflow, the cycle pressure shows slight oscillations which are most likely
caused by fluttering of the inlet valve reeds, which have an elongated

shape to better fit them into the cylinder base, but lack a stopper to avoid
additional dead volumes. To reduce the fluttering in future machines,
their shape should be adopted to that of the outlet reeds. Nevertheless,
the inlet valve characteristics regarding flow pressure losses and dy-
namics are similar to those of the outlet valves and therefore
satisfactory.

5.1.2. Variation of the pressure ratios at ambient inlet pressure

Fig. 9 shows the exergy gain of the compressed air per cycle AE =
AE/N, the operating frequency and the gas mass conveyed per cycle Am
for three separate measurement series at ambient inlet pressure. In the
following, the results of such measurement series will be referred to as
operating curves. By controlling the pressure in the outlet buffer, stable
operating states were automatically achieved and the thermocom-
pressor was operated at various preset pressure ratios up to an upper
limit of approximately ITj;, = 1.3, where no net mass flow is detected
anymore. This value is below the theoretical maximum pressure ratio
Imax, Which is determined by the geometry of the machine and the
temperature ratio and amounts to 1.41 for this machine and the given
operating parameters. At this pressure ratio, the valves would not open
anymore, so that no p,V-work would be generated and the machine
would stop. This pressure ratio cannot be reached experimentally due to
the aforementioned leakage flows through the bushing gaps. At the right
margin of the operating curve, the mass flow primarily conveyed
through the valves is entirely used up by these. Therefore, the net mass
flow already drops to zero at a pressure ratio below I,y , where the
enclosed area in the p,V-diagram is non zero and the cycle is still
generating work.

As a general proof of concept, simulation results for an overdriven
single-stage thermocompressor were presented in [27]. These were ob-
tained using a MATLAB®/Simulink® model based on a generally
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Fig. 9. Experimental operating curves #1, #2, and #3 according to Table A4 at ambient pressure, a heater temperature of T, = 295°C and a cooler temperature of

T. = 8°C and fitted functions [38].

different machine setup with radially shifted heat exchangers and
regenerator, but of similar size, i.e. almost the same swept volume. Thus,
the performance of the experimental machine is also similar, but
reduced by the aforementioned leakages, which were not included in the
simulation model. In addition, the simulation results for the frequency
were higher because the friction losses were underestimated.

The left margin is caused by stability issues. Since the mass flow
drops with decreasing pressure ratio after reaching a maximum at
approximately IT = 1.12, the control of the outlet buffer pressure became
unstable below a minimum pressure ratio of I1 = 1.1. This value matches
the analytically predicted stability limit ITy x,, which is applicable in the
case of a single stage with preset inlet pressure according to [27] and
yields 1.094 under the given conditions.

In general, the three independently measured operating curves show
good reproducibility. Merely the operating frequency N differs for curve
#3, because the LVDT sensor was mounted in this case according to
Table A-4 and caused additional friction due to a slight misalignment of
its plunger. Nevertheless, this solely affects the operating frequency but
not the air conveyed per cycle as a function of the pressure ratio.

Functions of the type

f(M) = a(b—10)/(b— 1)In(11) (26)
which have the same structure as Eq. (1), have been fitted to the
measured data points in Fig. 9(a) and (b) because, according to section
2, both the exergy gain of the compressed air and the p,V-work per cycle,
and hence the operating frequency, depend on the absorbed heat Q.
Evidently, the experimental data can be well reproduced by these
functions, which were derived from the isothermal analysis. Similarly,
the data for the mass conveyed per cycle confirm the prediction by Eq.
(10) and can be well reproduced by

@) = a(b—T0) 27
Considering the exergy transferred to the compressed air flow as the
power output of a thermocompressor, the thermal efficiency can be
calculated by dividing by the heat supply, which is the electrical power
in the case of the prototype. At the optimum operating point 1o, = 1.17
and ambient inlet pressure, the exergy transferred to the compressed air
flow was 1.4 W and the heater power was approximately 185 W,
resulting in a thermal efficiency of n;,, = 0.76%, which is relatively poor.
However, as mentioned in section 3, the available machining technol-
ogies for the prototype were limited, so particularly the wall thickness of
the cylinder and the displacer could be reduced to 0.5 mm. This would
reduce the conduction losses for operation at the given heater and cooler
temperatures by approximately 8.5 W. Additionally, the design of the
prototype causes increased thermal losses due to radiation and con-
vection. These losses could be reduced to a minimum, when applying a
waste heat enthalpy flow through a well-insulated flow channel along a

cascade of thermocompressors. Based on measured surface temperatures
of 77 to 92 °C, these losses amount to approximately 120 W, giving the
system a corrected efficiency of 2.15 %. Compared to a conventional
compressor of similar power available on the market, e.g. Becker DT 4.2
[39], which has an efficiency of up to 33 % and 13 % at IT = 1.17, the
realized efficiency is still low. However, in addition to future improve-
ments in sealing, it is important to note that waste heat is being used
instead of electrical energy. As long as fossil energy is at least part of the
electricity mix, any reduction in the electricity demand can be inter-
preted as a reduction of the corresponding fossil fuel demand of a
thermal power plant.

The water lubrication of the bushings basically functions in the
intended way as described in section 3. However, after around 100 h of
operation, the lower bushing showed abrasive wear marks. This is pre-
sumably caused by particles arising due to aluminum corrosion. These
accumulate in the sump of the inlet buffer, which was originally inten-
ded to feed water to the lower bushing. Furthermore, the water flow
from the outlet buffer via the bushings to the inlet buffer depends on the
absolute pressure difference and was found to rise to more than a liter
per hour in case of high inlet pressures. So, the inlet buffer had to be
drained regularly, and the water flow that had to be continuously sup-
plied to the machine was far higher than what can be expected to
accumulate by condensation of moisture in the highest stage of a
cascade.

5.1.3. Comparison of the experimental data with modeling results

The comparison of the experimental operating curve #1 with the
modeled data shown in Fig. 10 supports the considerations concerning
the leakage flows reducing the maximum pressure ratio. By solely
adjusting the correction factors fieqk 1, fieak,22 and fp for leakage and
friction losses introduced in section 4, particularly the exergy gain and
the mass of the conveyed air per cycle can be well reproduced by the
model. For the frequency, the general shape of the curve and the value of
the maximum agree with the experiments, but the experimental
maximum is shifted to a higher pressure ratio. It is suspected that this
discrepancy is caused by the better water transportation from the sump
of the outlet buffer to the bushings guiding and sealing the displacer rod,
thus improving the lubrication by a reduction of mixed friction effects.
In fact, a significantly increased water flow was observed at high pres-
sure differences.

To fit the modeling results to the experimental results as shown in
Fig. 10, relatively high values of 14 must be chosen for the correction
factors fieak,1 and fieqk 2. However, both a non-uniform gap width and a
possible eccentricity of the piston rod have large effects on the mass
flow, so these values are plausible. Sufficiently accurate measurements
of such deviations from the ideal gap geometry under operating condi-
tions were not possible. The valves have been tested separately for
leakage to preclude additional effects. Furthermore, any measured
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Fig. 10. Comparison of the experimental operating curve #1 and the calculated operating curve for ambient pressure, T, = 295 C and T, = 8 C and fitted func-

tions [38].

operating curve including those obtained at higher inlet pressures can be
reproduced by simulations using the same correction factors fiq; and
freak 2- This provides additional support for the principal correctness of
the assumed leakage flow model, since it is evidently capable of repro-
ducing the effects of varying operating conditions correctly.

5.1.4. Influence of the inlet pressure on the performance

Even though only one stage was built as a prototype, the operating
behavior of higher thermocompressor stages within a cascade was to be
investigated. Therefore, a variation of the inlet pressure px was per-
formed. Of course, this approach excludes pressure variations in the
buffers of consecutive stages due to inflow and outflow and thus any
kind of mutual interference, but nevertheless, the general influence of
the higher inlet pressure on the operating curve can be investigated. The
results of an inlet pressure at atmospheric conditions were interpreted as
a first stage, which should be operated at its optimum operating point.
To visualize the optimum operating point, Fig. 11(a) shows the exergy
flow E transferred to the compressed air as a function of the pressure
ratio. Since E equals the product of N and AE, the fitted functions dis-
played as the solid lines represent the product of the corresponding
functions as well. The optimum operating point is determined for
approximately IT = 1.17 and is indicated by a vertical dotted line.
Assuming steady-state operation of all stages, the inlet pressure of a
stage k + 1 is the outlet pressure of the previous stage k. To represent the
second stage k = 2, the inlet pressure was therefore set to p; = 1.18 bar.
Because of the constraint of a constant mass flow along the cascade, all
subsequent stages must operate at the same mass flow as the first, which
is indicated as a horizontal dotted line in Fig. 11(c). Therefore, stage k =
2 is assumed to operate at [1p = 1.19. The resulting operating data for the
first four stages of a cascade is summarized in Table 3.

Table 3
Operating data for consecutive stages at a mass flow of 0.104 g/s.
Stage k Dk.1 / bar Ik Ni /st
1 1.01 1.17 1.92
2 1.18 1.19 2.21
3 1.40 1.18 2.37
4 1.66 1.17 2.40

In general, the maximum exergy flow transferred to the compressed
air increases as the inlet pressure is increased. However, instead of
simply scaling the curves as expected considering Eq. (1), Fig. 11 shows
that varying the inlet pressure reduces the maximum pressure ratio
because the leakage depends on the absolute pressure difference, which
obviously scales with the inlet pressures for a given pressure ratio. Thus,
the maximum of the exergy flow transferred to the compressed air is
shifted to lower pressure ratios.

Fig. 11(b) and Table 3 indicate that the frequency at the relevant
operating points is slightly increasing with increasing inlet pressure,
which supports the aforementioned implication of Eq. (11). Because the
effectively measured conveyed mass flow is reduced at higher pressure
ratios, this effect is expected to be more significant if leakages are
reduced. For the same reason, the pressure ratios, at which the same
mass flow as in stage 1 is measured, do not increase monotonously with
rising inlet pressures.

5.2. Unsteady operation

In addition to the steady-state operation, its transient operating ca-
pabilities are also of interest. Typically, compressed air systems consist
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Fig. 11. Measurement results (#1, #4, #8, #10) for various inlet pressures py and T, = 295 C and T, = 8 C and fitted functions. The dotted lines mark the optimum

operating point at IT = 1.17 of the “first” stage at ambient pressure [38].
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Fig. 12. Pressure course of p.,, po, and p; for restarting after standstill at T, =
8 °C and T, = 295 °C [38].

of a conventional compressor, compressed air treatment equipment,
such as filters and dryers, and a storage tank. The latter is filled with air
at a certain maximum pressure level. Depending on the type of
compressor, the supply may be continuously controlled to match the
current demand, or the tank may act as a buffer with fluctuating pres-
sure. Due to the self-control capabilities experimentally demonstrated in
the steady-state operation presented in section 5.1, a thermocompressor
with an overdriven free displacer could be easily integrated into con-
ventional compressed air systems, since the maximum pressure is ther-
modynamically limited.

As shown in section 5.1, the machine will continue to operate even
when the maximum pressure ratio is reached. Therefore, a thermo-
compressor cascade of this design will not stop, unless the leakage can be
significantly reduced. If this definitely desirable goal should be ach-
ieved, it is of interest to know whether a stage can be restarted in the
event of a pressure decrease as it may be caused by varying consumption
of compressed air. This scenario was realized by filling the outlet buffer
via the bypass at standstill of the machine, so that a pressure ratio above
ey is preset. Starting from a pressure of approximately 1.29 bar, p; is
lowered by opening a valve to the atmosphere. As shown in Fig. 12, the
stage starts to operate without any further intervention after undercut-
ting a critical pressure ratio of IT = 1.21. This behavior qualitatively
confirms the simulation results presented in [27]. The self-excited
restart ability extends the advantageous operation characteristics of
such a machine for industrial applications, as no complex external
controller is needed for the system, even if a stage stops operating.
During the experiments, this feature was intentionally used to start the
machine, but it also happened that the machine accidentally restarted
due to leakages after a standstill.

6. Conclusion and outlook

Within this contribution, the feasibility of a thermocompressor with
an overdriven free-displacer was experimentally proven for the first
time. In particular, it was successfully demonstrated that steady-state
operation is achieved for a wide range of pressure ratios and inlet
pressures. The dependencies of the presented performance characteris-
tics, such as the conveyed mass per cycle and the operating frequency on
these agree well with the predictions based on analytical and numerical
models. This is also true for the lowest pressure ratio, at which a stable
operating point is achieved, which is in good agreement with the lower
stability limit predicted by an analytical analysis [27].

The maximum experimentally achievable pressure ratio is signifi-
cantly reduced due to leakage from the cycle volume and the outlet
buffer to the inlet buffer. As a result, the thermocompressor does not

11

Applied Thermal Engineering 244 (2024) 122712

stop as originally expected. This finding is advantageous from the
practical point of view, since there is no need to restart the cascade in
this case. It may be quantitatively reproduced by the presented nu-
merical model, if merely the leakage coefficients are adjusted
accordingly.

For higher inlet pressures, the power output in terms of exergy
transferred to the compressed air flow is increased as expected. How-
ever, the leakage flows are dependent on the absolute pressure differ-
ences and thus become even more dominant and further reduce the
maximum achievable pressure ratio. Therefore, future developments
should focus on a further reduction of the leakage between the displacer
rod and the bushings without simultaneously increasing friction.

Furthermore, the design of the guide bushings should also be
reconsidered to avoid the water management for lubrication and sealing
purposes, particularly since the water flow that can be expected to
accumulate by condensation in the higher stages of a cascade would be
insufficient anyway. Instead of plastic bushings, dry-running bushings
made of bearing bronze may be considered to further reduce the system
complexity, thus following the original objective of a simple design
targeting a low-cost series production.

With regard to unsteady operation, the demonstration of an auto-
matic restart from an assumed standstill simply by a decreasing outlet
pressure is an important finding. In an industrial application, this feature
allows an operation without any external control, since such a machine
will restart automatically when the pressure in a reservoir drops due to
an increased consumption of compressed air. In the future, these in-
vestigations should be extended to a cascade of multiple stages to verify
that all stages consecutively restart operation, as predicted by numerical
simulations [27].

Based on the experience gained in the reported single-stage experi-
ments, a multi-stage cascade should be constructed as a next step to
experimentally investigate both its steady-state and unsteady operating
characteristics to confirm the predictions by analytical and numerical
models, particularly focusing on stability issues, which could not be
studied with a single stage. Following the general idea of a cost-efficient
machine from the very beginning, the general design, especially the
concentric design with an annular gap replacing complex heat ex-
changers and regenerators, should be pursued and further developed.
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Fig. Al. Flowchart of the calculation model.

Instrumentation of the test stand.

Applied Thermal Engineering 244 (2024) 122712

Measuring point name Type of sensor

Model name

Measuring range

Maximum
error

FIR-0001

Thermal mass flow meter

Vogtlin GSM-C4TA-BNOO

0.2 ... 20 In/min
0.04 ... 4 In/min

+0.3 % of full scale +40.5 % of reading

GIR-0001 Linear variable differential transformer AMOS AWM-41-33 0 ... 66 mm 0.3 % of full scale
PIR-0011 Pressure transmitter Kistler 4011A010DSL81-2,0 0 ... 10 bar +0.3 % of full scale
PIR-000X Pressure transmitter IFM PT-010-AFG14-A-ZVG/US 0...10 bar 40.5 % of full scale (BFSL)
TIR-0001 Resistance thermometer Sontec 800-02 —40 ...180°C +0.15K +

PT100 Class A 9TT6-045-A-A-4L-S-2,0-ADE 0.2 % of reading
TIR-001X Thermocouple Type K Roessel AL-KB-0,5 0...1.100°C +1.5K

Class 1

Table A2

Data acquisition modules used.

Module name

Description

Measuring points/Outputs

NI cDAQ-9178
NI-9253

NI-9210
NI-9217
NI USB-6211

8-slot USB Chassis for C Series Modules

50 kS/s/Channel, +£20 mA, 24-Bit, 8-Channel C Series Current Input Module

4-Channel, 14 S/s Aggregate, 80 mV C Series Temperature Input Module for Thermocouples

4-Channel, 400 S/s Aggregate, 0 Q to 400 €, PT100 RTD C Series Temperature Input Module

16 Analog Input (16-Bit, 250 kS/s), 2 Analog Output (250 kS/s), 4 Digital Input, 4 Digital Output USB

Multifunction Input/Output Device

NI-9253, NI-9210, NI-9217

FIR-0001, GIR-0001, PIR-0011, PIR-0001,
PIR-0002

TIR-0011, TIR-0012, TIR-0013, TIR-0014
TIR-0001

Heater control, Control valve
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Table A3
Input data for simulation model.
value unit variable name description
48.6 mm s stroke
82.5 mm dp diameter displacer
1.25 mm Sp Wall thickness displacer
256. mm Ip Length of displacer
1.2 mm Sgap Gap width
1.15 mm sc Wall thickness cylinder
88. mm [ Length cooler
1. - fe Area factor for displacer base
85. mm Iy Length heater
1.25 - fn Area factor for displacer dome
0.058769 - P Displacer rod ratio
10.96 cm3 Vd,c,add Additional dead volume cold cylinder volume
10.96 cm3 Vi hadd Additional dead volume hot cylinder volume
8.5 mm dy,in Inlet valve hole diameter
5.5 mm dy,out Outlet valve hole diameter bore
4 - Njp Number of inlet valves
4 - Nout Number of outlet valves
1.0 mm hin Opening of inlet valves
1.3 mm hout Opening of outlet valves
35. mm Iy Length of bushing 1 (between cycle volume and inlet buffer)
25. mm b2 Length of bushing 2 (between outlet buffer and inlet buffer)
0.028 mm Sh,gap1 Gap between bushing 1 and displacer rod
0.014 mm Sh,gap2 Gap between bushing 2 and displacer rod
2.1 kg mp Displacer mass
Table A4
Overview of measured operating curves [38].
Set point

# Source Name po/bar Ty/°C T./°C LVDT installed? In Figures

1 VVM_exp_100_295_08_stat_BK_008 1.00 295 8 No Fig. 9, Fig. 10, Fig. 11

2 VVM_exp_100_295_08_stat BK_020 1.00 295 8 No Fig. 9

3 VVM _exp_100_295_08_stat BK_022 1.00 295 8 Yes Fig. 9

4 VVM _exp_118_295_08_stat BK_001 1.18 295 8 No Fig. 11

5 VVM_exp_118_295_08_stat BK_021 1.18 295 8 Yes

6 VVM _exp_118_295_08_stat BK_023 1.18 295 8 Yes

7 VVM _exp_118_295_08_stat BK_024 1.18 295 8 Yes

8 VVM_exp_140_295_08_stat BK_001 1.40 295 8 No Fig. 11

9 VVM_exp_140_295_08_stat BK_025 1.40 295 8 Yes

10 VVM _exp_166_295_08_stat BK_001 1.66 295 8 No Fig. 11

11 VVM _exp_166_295_08_stat BK_026 1.66 295 8 Yes
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